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Abstract

An engineering model is formulated to account for the effects of porosity and pore diameter on the hydrodynamic and thermal
performance of a carbon-foam finned tube heat exchanger. The hydrodynamic and thermal resistances are obtained from well-estab-
lished correlations that are extended herein to account for the influence of the porous carbon foam. The influence of the foam is
characterized on the basis of a unit-cube geometric model that describes the internal structure, the exposed surface, the permeability
and the effective conductivity as a function of porosity and pore diameter. The engineering model is validated by comparison with
experiments that characterize heat transfer in an air–water radiator made from porous carbon foam. The model is also used in to
conduct a parametric study to show the influence of the porosity and pore diameter of the foam. The parametric study suggests that
in comparison to conventional aluminum finned-tube radiators, improvements of approximately 15% in thermal performance are
possible without changing the frontal area, or the air flow rate and pressure drop. The engineering model developed herein can be
used by engineers to assess quantitatively the suitability of porous carbon foam as a fin material in the design of air–water heat
exchangers.
� 2005 Elsevier Ltd. All rights reserved.
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1. Introduction

Air–water heat exchangers are commonly employed
in engine cooling, high-power electronics cooling, and
heat recovery units for power generation systems. The
resistance to convective heat transfer on the air side of
the heat exchanger dominates in the design of these heat
exchangers. Large numbers of impermeable metal fins
are used to provide additional surface area on the air
side of the heat exchanger to lower the total convective
thermal resistance however the associated increase in
surface area also results in large pressure drops, which
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must be overcome by higher fluid power input on the
air side. Hence, the classical problem in heat exchanger
design emerges: an optimum balance must be found
between the thermal resistance (convective heat transfer)
and the hydrodynamic resistance (pressure drop).

There has been recent interest in the use of porous
carbon-foam fins as a replacement for aluminum fins
in finned tube radiators [1]. The interest stems from
the notion that the unique thermodynamic properties
of the foam would serve to reduce the thermal resistance
of a heat exchanger without significant additional pres-
sure drop. As will be described in detail below, porous
carbon foam has an open, interconnected internal struc-
ture and a very high specific thermal conductivity, which
combined, renders the foam an interesting alternative
material in heat transfer devices.

The present paper considers the use of porous
carbon-foam fins in a conventional air–water heat
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exchanger and describes the influence of the foam on the
thermal and hydrodynamic resistances. Porous carbon
foam is a material developed at Oak Ridge National
Laboratory (ORNL). The carbon foam has an open,
interconnected void structure that enables the infiltra-
tion of fluid, and a unique solid matrix derived from a
carbon-foaming process, also developed at ORNL.
The unique structure provides as much as 5000–50,000
[m2/m3] of internal surface area, which can be recruited
for convective heat transfer if the fluid passes through
the foam material. The effective (stagnant) conductivity
of the carbon foam is in the range 40–180 [W/mK] due
to the very high specific conductivity of the carbon
material (k = 900–1700 [W/mK]) depending on the
porosity which is normally between 0.7 and 0.9 using
the current foaming process [2,3]. In contrast, similar
porosity aluminum foams have effective conductivities
of approximately 5–20 [W/mK], which result from spe-
cific conductivities of 160–230 [W/mK] for aluminum
alloys. As such, the carbon foam has a much higher
capability to conduct heat into its internal structure so
that infiltrated fluid can convect heat away. It is because
of this high effective conductivity that porous carbon
foam is considered for use as a fin material. Fins of mod-
erate height can be constructed and bonded to flattened
metal liner tubes to increase the available surface area.
The open structure at the air–foam interface acts as a
sub-layer interrupter, which produces near-wall turbu-
lent eddies that actively exchange energy with the por-
ous foam surface. This, combined with the overall
pressure drop across the edges of the fin leads to en-
hanced convective heat transfer.

This paper describes the development of engineering
models that can be used to investigate air–water heat
exchangers made from tubes covered with fins made
from carbon foam. Although well-established correla-
tions for air flowing over solid fins made of different
materials and surface configurations are available, these
do not account specifically for the effects of the pore
structure on the flow and heat transfer of air flowing
over fins made of carbon foam material. Thus, an objec-
tive of the research reported herein was to represent, for
the purposes of engineering design, the effects of the car-
bon foam structure on the thermal and hydrodynamic
resistances of an air–water heat exchanger. Geometric
and thermophysical parameters of the carbon foam re-
quired for the heat transfer and hydrodynamic calcula-
tions are determined using the unit-cube geometric
model [4], since it best represents the geometric and ther-
mophysical characteristics of the carbon foam. A ther-
mal–electrical analogy is employed to establish the
complete heat transfer model. The separate elements
of the thermal resistance are then formulated using heat
transfer models that are extended to incorporate the ef-
fects of the foam porosity and void diameter. The air
velocities and the hydrodynamic resistance in the porous
fins and interconnected pore channels are determined by
a formulation that includes the continuity equation,
Darcy–Forchheimer extended equation [5] and Darcy–
Weisbach equation [6]. The permeability and the Forch-
heimer coefficient in the Darcy–Forchheimer extended
equation, and the surface roughness of the fin surface
(exposed pore surface) in the Darcy–Weisbach equation
are computed using the unit-cube geometric model [4].

The remaining sections of this paper describe: the de-
tails of the finned tube configuration considered, the
hydrodynamic and thermal resistance models; valida-
tion of the complete model by comparison to test cases
of a carbon-foam finned air–water heat exchanger [1];
the results of a parametric study and conclusions. The
parametric study was conducted to show how the foam
porosity and void diameter and the fin height, width and
spacing influence the performance of a carbon-foam
finned air–water heat exchanger. The parametric study
isolates the different influences of the carbon foam and
quantifies the benefits that can be realized so that deci-
sions can be made as to the suitability of carbon foam
in a conventional radiator design.
2. Finned tube configuration

A simple straight fin with a uniform cross-section at-
tached to a flattened liner tube is the finned-tube config-
uration chosen for the present study based on the
mechanical properties of the carbon foam, the flow
and heat transfer behaviour, and the bond contact qual-
ity and manufacturing cost including materials and la-
bour. Fig. 1(a) shows the details of the finned tube
configuration. The fins have a rectangular shape with
straight uniform cross-sections, and are attached to the
outside surface of the liner tubes. Fig. 1(b) shows de-
tailed dimensions of the finned tube configuration: HF

is the carbon foam fin height; TF the fin thickness; LF

the fin length along the air flow direction; FBH the height
of the carbon foam base plate; FSP the space between
two adjacent fins; FTP the tip clearance between the fins
of two finned tubes; TW the wall thickness of the flat-
tened liner tube; and DI the inside diameter of the flat-
tened liner tube.
3. Hydrodynamic model

A hydrodynamic model is required to calculate the
air pressure drop for a given geometry and flow condi-
tion. In the present case, the geometry is dependent
upon the fin size and spacing, and the porosity and void
diameter of the porous carbon foam used to construct
the fins, since the structure of the foam affects the fluid
infiltration and the interface between the foam and the
airflow. Fig. 2 gives an approximation of the air velocity



Fig. 1. (a) Rectangular finned, flattened tube configuration; (b) detailed dimensions of the finned configuration.

Y

X

F
T

/2
F

SP
/2

Boundary layer
(interface)

VpbVapp

FL

Vfc

Fig. 2. Approximation of air velocity profile in the fin and inter-connected pore channels.
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profile for air flowing through the fins made from por-
ous materials [7]. Here, Vpb is the air velocity in the
inter-connected pore channel, also called the air filter
velocity, and Vfc is the air mean velocity in the fin chan-
nel. Vpb and Vfc can be determined by solving the conti-
nuity, Darcy–Weisbach [6] and Darcy–Forchheimer [5]
equations:

rðqV Þ ¼ 0 ð1Þ

DP ¼ f
LF

Dfch

þ
X

C
� �

q
2
V 2

fc ð2Þ

DP
LF

¼ l
K
V pb þ

cfffiffiffiffi
K

p qV 2
pb ð3Þ

where q and l are the fluid density and viscosity, respec-
tively, V is the mass velocity and DP is the pressure drop
across the fin bank. For ReL < 1500, the friction factor is
obtained from f = 64/ReL. For higher ReL, the friction
factor f of the fin channel in Eq. (2) can be determined
by Altshul�s equation [6]:

f ¼ 0.11
RA

Dfch

þ 68

ReL

� �0.25
ð4Þ
where Dfch is the equivalent hydraulic diameter of the fin
channel, ReL = VfcLc/m is the Reynolds number in the
fin channels, Lc is the characteristic length and m is the
kinematic viscosity of air evaluated at the average air
temperature. In the implementation of the friction fac-
tor, for ReL near 1500, the results of the laminar and
turbulent expressions are blended so that step changes
in the pressure drop do not occur. K, cf and RA are
the permeability, the Forchheimer coefficient and the
fin surface roughness due to the exposed pores, respec-
tively, all of which are determined using expressions de-
rived from the unit-cube geometry model [4]:

K ¼ 36e3

147b2
ð5Þ

cf ¼ 0.0928
1

e3=2
ð6Þ

RA ¼ 1

2

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
D2 � H 2

p
ð7Þ

In Eqs. (5)–(7), e is the porosity, b is the internal area
factor, D is the void diameter of the foam and H is
the dimension of the unit cube. The area factor b is



Fig. 3. Detailed dimensions of the Unit Cube Geometry Model [4] for
a cross-sectional cut at the centre plane of the unit cube.
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the interior surface area to volume ratio of the foam and
is determined by [4]:

b ¼ pD

H 3
ð3H � 4DÞ ð8Þ

The dimension H is illustrated in Fig. 3 and is deter-
mined by solving a cubic equation obtained from the
definition of the porosity of porous media [4]. The effects
of the carbon foam structure on the hydrodynamic resis-
tance in the fin channel are taken into account inher-
ently by the variables incorporated in Eqs. (2) and (3).
Modification of the porosity and void diameter directly
affect all the geometric parameters of the foam and the
air velocities, and therefore the hydrodynamic resistance
across the heat exchanger.

The pressure drop across the fin channels and the fins
themselves (in the flow direction) is always the same and
is equal to the overall pressure drop of the system. Thus,
Eqs. (1)–(3) represent a closed system of equations for
DP, Vpb and Vfc. The solution is obtained by equating
Eqs. (2) and (3) and expressing one velocity in terms
of the other using Eq. (1). The remaining variables can
then be calculated explicitly.
4. Thermal model

Convective and conductive heat transfer are both
important in the exchange of heat in finned, flattened
tube heat exchangers. Convection transfers heat from
the surface of the tube walls and the surface of the fins,
to fluid passing through the fin channel and, in the pres-
ent case, through the inter-connected pores. Conduction
transfers this heat through the liner tube walls, the bond
contact layers, the fin base plate and the fin body, and
the fouling layers on the tube and the fin sides.

The governing equation used in the design of heat
exchangers is expressed in the general form: q =
UADTm, where U is the overall heat transfer coefficient
based on the fin side total heat transfer surface area A,
and DTm is the mean temperature difference between
the two fluids on the tube and fin sides. The governing
equation can also be written as

q ¼ DTm

Rt

ð9Þ

where Rt is the total thermal resistance, which can be ob-
tained from a thermal–electrical analogy of the heat ex-
changer. The thermal circuit for the present case is
shown in Fig. 4. The resistances are described in detail
in Fig. 4. The resistances R9, R10, R11, R12, R15 and
R16, are practically negligible compared to the dominant
resistances in the thermal circuit. Thus, to simplify the
overall thermal circuit, these minor resistances are
lumped into the overall system by adding their surface
areas to R7, R8, R17 and R18, which is reasonable since
all of these minor resistances are connected in parallel
with the main heat path. The simplified thermal circuit
is presented in Fig. 5. The total thermal resistance of
the circuit is then expressed as

Rt ¼ R123 þ
1

R910

þ R456 þ
1

R78

þ 1

R1112

� ��1
 !�1

0
@

1
A

�1

ð10Þ

whereR123 = R1 + R2 + R3 is the total thermal resistance
at the water side in the main heat path including the con-
vection resistance at the tube sideR1, fouling resistance at
the tube side R2 and the conduction resistance through
the liner tube wall R3, all connected together in series;
R456 = R4 + R5 + R6 is the total thermal resistance in
the main heat path consisting of the bond contact R4

and fin base conductionR5 as well as the fin base constric-
tion R6 due to the cross-sectional area changes at the fin
root that are again connected together in series;
R78 = R7 + R8 is the total thermal resistance of the fin
channel in the main heat path including the convection
R8 and fouling R7 resistances in the fin channel that are
in series with one another; R910 = R9 + R10 is the total
thermal resistance of the major resistance for the bare
tube including convection R10 and fouling R9 resistances
connected to each other in series; and R1112 = R11 + R12

is the total thermal resistance for the inter-connected
pore channel including the convection R12 and fouling
R11 resistances that are connected to each other in series.
Note that R910 is connected with the main heat path in
parallel at the location between R123 and R456, and
R1112 is connected with the main heat path in parallel at
the location between R456 and R78.



Fig. 4. Thermal resistance circuit for the rectangular finned flattened tube configuration.

Fig. 5. Simplified thermal resistance circuit for the rectangular finned flattened tube configuration.
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While the thermal circuit has been reduced to 5 main
resistance elements, there are 12 individual thermal
resistances in Fig. 5 that need to be formulated in terms
of the geometry, the flow conditions and, where neces-
sary, the parameters of the porous carbon foam. The
resistances R5, R6, R8 and R12 are all affected by the
parameters of the carbon foam. The focus of this section
is to describe in detail the modifications to these resis-
tance models that are required to incorporate the effects
of the porous carbon foam. The resistances that are not
influenced by the carbon foam are described first, and
are followed by a more detailed description of the other
resistances listed above.
The water side convection resistance, R1, is expressed
as R1 ¼ Dh=AtikwNuw, where Dh is the hydraulic diameter
of the liner tube, Ati is the total inside surface area of the
liner tube, kw is the thermal conductivity of the water,
and Nuw is obtained from the Sieder–Tate equation [8]
for laminar flow (Re < 3000) and from the Gneilinski
equation [9] for turbulent flow (Re P 3000). The fouling
resistance, R2 is modelled using R2 = rwf/Ati, where rwf is
the fouling factor [10]. The fouling resistances R7, R9

and R11 are modelled using the same expression, but
accounting for the difference fouling factors and ex-
posed surface areas. The tube conduction resistance R3

is expressed as R3 = TW/kAti, where k is the conductivity



0.0

0.5

1.0

1.5

2.0

2.5

55 60 65 70 75 80 85 90 95 100
Porosity %

SF

Fig. 6. Surface area factor at exposed pore surface as a function of
porosity [4].

136 Q. Yu et al. / Applied Thermal Engineering 26 (2006) 131–143
of the wall material. The bond contact resistance is ob-
tained from R4 = Tb/kbAtb, where Tb is the bond thick-
ness, kb is the thermal conductivity of the bond material
and Atb is the area of the bond surface. The convective
resistance of the bare tube, R10 is modelled using
R10 ¼ Dbo=AbokaNua, where Dbo is the diameter of the
front edge of the liner tube, Abo is the area of the front
and back edges of the liner tube, ka is the thermal con-
ductivity of air and the average Nusselt number is ob-
tained from Churchill and Bernstein [11].

4.1. Fin base conductive resistance, R5

The fin base conduction is modelled using the con-
ventional expression:

R5 ¼
HBH

keAtb

ð11Þ

where ke is the effective conductivity of the carbon foam
obtained from [4]:

ke ¼ ð1� 2t � 2t2Þ
1
t � 1
� 2 þ r
1
t � 1
� 2 þ 1

 !
kf þ

2tð1� tÞ
ð1� tÞr þ t

ks

ð12Þ
Here, kf and ks are the thermal conductivities of the fluid
(void) and the solid, r is the ratio kf/ks, t = 2a/H is the
normalized thickness of the ligament of the foam solid, a
is the equivalent thickness of the ligament of the foam
and H is the dimension of the unit cube, all obtained
from expressions derived in [4]. Changes to the porosity,
void diameter and the solid phase thermal conductivity
directly affect the effective conductivity and, therefore
the resistance due to the fin base conduction.

4.2. Fin base constriction resistance, R6

The thermal resistance due to the change in cross-sec-
tional area at the fin base is modelled using the expres-
sion derived by Yovanovich [12]:

R6 ¼
f þ 1

f

� �
LN

1þ f
1� f

� �
þ 2LN

1� f2

4f

� �� �
2pkeAtbF PM

ð13Þ

where FPM is the fin density (number of fins per meter of
the length of the liner tube) and f is the relative contact
size and is defined by

f ¼ T F

T F þ F SP

ð14Þ

Again, modifications to the porosity and void diame-
ter affect the effective conductivity, ke, which produces
an influence in R6.

4.3. Convective resistance in the fin channel: R8

The convective resistance in the fin channel is affected
by both the roughness of the exposed surface and by the
effective surface area of the air–foam interface. The ther-
mal resistance due to convection, R8, is expressed as

R8 ¼
Lc

goAtokaNua
ð15Þ

where Lc is a characteristic length scale that depends on
the Reynolds number, go is the overall surface efficiency,
Ato is the total heat transfer surface area, ka is the ther-
mal conductivity of air evaluated at the average air tem-
perature, and Nua is the average Nusselt number, which
is also dependent upon the Reynolds number. The over-
all surface efficiency go is given by

go ¼ 1� Atb

Ato

ð1� gfÞ ð16Þ

where Atb is the total primary surface area at the air side
and gf is the fin efficiency. The total heat transfer surface
area at the exposed pore surface of the fin, Ato, is deter-
mined by

Ato ¼ SFAtf ð17Þ
where SF is the surface area factor of the exposed pore
surface, which is a function of the porosity and void
diameter of the foam, and Atf is the total plan area of
the fin. Fig. 6 shows the relationship between the surface
area factor and the porosity [4] (the influence of pore
diameter is less significant and not shown). The fin effi-
ciency gf is determined by

gf ¼
tanh

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
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HFe
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HFe

T F
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� �s
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
2Nui
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ke

HFe

Lc

HFe

T F

1þ T F

LFe

� �s ð18Þ

where Nui is the ideal Nusselt number (described below)
and HFe and LFe are the effective fin height and fin
length, respectively. Since the fin efficiency is a function
of the effective conductivity, ke, and the Nusselt number,
the influence of the porous carbon foam is implicitly ac-
counted for in this expression.
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The Reynolds number in the fin channel is calculated
in terms of the velocity, Vfc, which is obtained from the
hydrodynamic resistance model described in Section 3
above, and the hydraulic diameter of the fin channel.
For ReL 6 1500, the flow is assumed laminar despite
the surface roughness, i.e., the flow is assumed to be par-
allel to the walls and the influence of the surface rough-
ness does not in itself modify the near-wall flow. The
effect of the porous carbon foam is accounted for by
the modified surface area described in Eq. (17). Thus,
for the laminar regime, the characteristic length is
Lc = FSP and the average Nusselt number in the fin
channel is determined by the process proposed by Teert-
stra [13]:

Nua ¼ gfNui ð19Þ
where the ideal Nusselt number, Nui, is obtained from
[13]:

Nui ¼
Re�bPr
2

� ��3

þ
 
0.664

ffiffiffiffiffiffiffiffi
Re�b

p
Pr1=3

2
4

	
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
1þ 3.65ffiffiffiffiffiffiffiffi

Re�b
p

s !�3
3
5

�1=3

ð20Þ

Here, Re�b is the modified Reynolds number determined
by Re�b ¼ RebF SP=LF, where the characteristic length
used in the Reynolds number Reb is the fin spacing
FSP, i.e., the distance between two fins.

For 1500 < ReL < 3000, the flow is considered transi-
tional. When the flow is transitional, the near-wall flow
is interrupted by the rough foam surface and assumed to
become turbulent like. The condition of the main
(finned-channel) flow is not yet assumed to a function
of the surface condition. Thus, beyond the area factor
(Eq. 17), the additional influence of the carbon foam
for transitional flow is accounted for using a convection
correlation for turbulent flow. In this case, the charac-
teristic length is Lc = Dfch and the average Nusselt num-
ber is obtained from the Dittus–Boelter equation [14]:

Nua ¼ 0.0243Re0.8Prn ð21Þ
where n = 0.4 for air cooling applications for which the
water inlet temperature is greater than the air inlet tem-
perature and n = 0.3 for air heating applications for
which the water inlet temperature is lower than air inlet
temperature.

For ReL P 3000, the flow is considered fully turbu-
lent. For fully turbulent flow, the near-wall eddies ac-
tively utilize the full exposed surface area and the flow
itself is affected by the surface condition, which is con-
trolled by the surface roughness. To account for this,
the characteristic length scale is computed from Lc =
Dfch, as for transitional flow, and the Nusselt number
is obtained from the Gnielinski equation [9]:
Nua ¼
ðf =8ÞðReL � 1000ÞPr

1þ 12.7
ffiffiffiffiffiffiffiffi
f =8

p
ðPr2=3 � 1Þ

ð22Þ

The dependence of the friction factor on the foam
porosity and void diameter is described in Section 3
above. As in the laminar and transitional regimes, the
modified surface area given in Eq. (17) is used as the
total exposed surface for heat transfer. Thus, for fully
turbulent flow the influence of the carbon foam is
accounted for by a modified surface area and by the
friction factor in Eq. (22), both of which depend upon
the parameters of the carbon foam.

In the implementation of the convective heat transfer
relations, care was taken to ensure that smooth transi-
tions occurred near the limits of the correlations used,
i.e., the transition from laminar to transitional flow
(Re = 1500) and transitional to fully turbulent flow
(Re = 3000). Near these points, solutions from above
and below the transition points were blended to give a
reasonable estimate of the Nusselt number.
4.4. Convective resistance in the interconnected pore

channel: R12

There is an additional heat transfer that takes place in
the interconnected pore channel due to the interstitial
flow through the carbon matrix caused by the pressure
gradient across the fin bank. The additional heat trans-
fer is taken into account in the present engineering
model by adding the convective resistance of the inter-
connected pore channel R12 as a branch parallel to the
convective resistance of the fin channel R8 as shown in
Figs. 4 and 5. The convective resistance of the interstitial
flow in the interconnected pore channel is approximated
by

R12 ¼
DE

goAtpbkafNusf
ð23Þ

where the overall surface efficiency go is determined by
Eq. (16) based on the assumption that the temperature
distribution of the carbon foam fin body is controlled
by the convection in the fin channel. Atpb is the total
interior heat transfer surface available in the intercon-
nected pore channel and is determined by

Atpb ¼ Ktb ð24Þ
where Kt is the total volume of the foam available for
the interstitial flow through the fin body and b is the
interior surface area to volume ratio of the foam deter-
mined by Eq. (8) [4]. kaf is the thermal conductivity of
air evaluated at the film temperature and Nusf is the
pore-level average Nusselt number, which is dependent
upon the pore-level Reynolds number, Red = VpbDE/m.
Here DE is the equivalent particle diameter obtained
from [15]:



Table 1
Summary of specifications of the air–water heat exchanger built and
tested by Ott et al. [1]

Items Specification

1. Carbon foam pore structure

1.1 Pore diameter (lm) 350.00
1.2 Porosity (%) 75.00
1.3 Solid graphite thermal

conductivity at room
temperature (W/mK)

1200.00

2. Fin configurations

2.1 Fin thickness (mm) 1.016
2.2 Fin density (fin number per

meter length of liner tube
covered by fins) (FPM)

295.28

2.3 Fin height (mm) 3.175
2.4 Fin length (along air

flow direction) (mm)
304.80

2.5 Fin base plate (carbon
foam) height (mm)

0.7938

2.6 Fin tip clearance (mm) 0.7938

3. Liner tube configuration

3.1 Liner tube inside diameter (mm) 2.3813
3.2 Liner tube wall thickness (mm) 0.7938
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DE ¼ 6ð1� eÞ
b

ð25Þ

For Red 6 75, the average pore-level Nusselt number is
obtained from [16,17]:

Nusf ¼ 0.004
dv

DE

� �0.35
Re1.35d Pr1=3 ð26Þ

where dv is the equivalent diameter of the void phase
determined by [4]:

dv ¼
ffiffiffiffiffi
6e
p

3

r
H ð27Þ

For Red P 350 the average pore-level Nusselt num-
ber is obtained from [18]:

Nusf ¼ 1.064Re0.59d Pr1=3 ð28Þ
For 75 < Red < 350, linear interpolation between

Eqs. (26) and (28) is to be used [19]. As such, the influ-
ence of the porosity and void diameter is accounted for
in the thermal resistance due to interstitial flow in the
interconnected pore channel (fin body).
3.3 Thermal conductivity of
liner tube (AL-6101) (W/mK)

180.00

4. Core size

4.1 Core front face length (tube length) (mm) 304.80
4.2 Core front face width (mm) 76
4.3 Tube number at core face 7

5. Heat exchanger

5.1 Core number 4
5.2 Flow arrangement Crossflow
5.3 Passes of water side (tube side) 4
5.4 Total liner tube number 28
5. Validation of the engineering models

The proposed hydrodynamic and thermal models are
validated by comparison with measurements from an
air–water radiator constructed using carbon-foam
finned tubes [1]. Fig. 7 shows the air radiator and the
test set-up. This radiator consists of four cores in paral-
lel at the tube side. Each core has an overall width of 305
mm, a height of 76 mm and consists of seven aluminum
liner tubes with carbon-foam fins brazed to them. Table 1
summarizes the detailed geometry specification of the
carbon-foam finned air–water radiator tested by [1]. The
tube side fluid is a glycol–water mixture with a volume
ratio of 20/80. An axial fan with a DC motor (VA18-
AP6-41MA built by SPAL) is used to supply air to the
fin side of the air–water radiator. Fig. 8 gives the fan
Fig. 7. (a) A prototype of an air radiator made from carbon-foam finne
performance curve in terms of volume flow rate and sta-
tic pressure. Table 2 gives a summary of the operating
conditions and measured results for two experiments,
and the predictions from the present engineering models.
In terms of the air-side Reynolds numbers, the model
predictions are based on the transitional formulation
d tubes [1]; (b) test set-up for thermal performance measurements.
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Fig. 9. Distribution of major thermal resistances predicted using the
present thermal engineering model for the carbon-foam finned radiator
[1] for thermal conditions corresponding to Test 3 (foam).
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of the hydrodynamic and thermal resistances. Table 2
indicates that the air pressure loss predicted by the pres-
ent model is about 13.5% higher than that obtained
from the fan curve under operating conditions of Test
3 (foam). Since there is no fan data available for Test
2 (foam), validation of the pressure-drop is not possible.
In terms of the thermal performance, Table 2 indicates
that for Test 3 (foam), the present thermal engineering
model predicts a heat load that is 5.9% lower than that
measured and for Test 2 (foam), a heat load that is 8.6%
lower than the measured result. Thus, the present hydro-
dynamic and thermal models give predictions that are
conservative and, notably, within the conventional ther-
mal engineering standard of 20%.

It is also of interest to illustrate what elements of the
thermal circuit dominate the thermal resistance of the
carbon-foam finned air–water radiator. From the out-
set, porous carbon foam was used in an attempt to re-
duce the air-side thermal resistance thereby improving
the overall performance of the radiator. Fig. 9 shows
the dominant resistances in the thermal circuit for the
air–water heat exchanger as predicted from the present
thermal engineering model for thermal conditions of
Test 3 (foam). The figure shows that the air-side thermal
resistance still comprises more than 90% of the total
thermal resistance while the water side comprises only
about 8%, and the remaining resistances sum to less
than 2% of the total thermal resistance. This implies
Table 2
Summary of test conditions and thermal performance data from Ott et al. [

Items Test 3 (foam)

Measured Present model

Water in temp. (�C) 98.8 98.8
Water out temp. (�C) 86 86.7492
Water flow (kg/s) 0.29 0.29
Water pressure loss (kPa) N/A 1.44
Air in temp. (�C) 31.6 31.6
Air flow (kg/s) 0.69 0.69
Air pressure loss (mmH2O) 17.2a 19.52
Heat load (kW) 14.82 13.9529

a Obtained from the fan curve, as shown in Fig. 8, provided by the fan m
one of two things: that the carbon-foam fins do not
serve to reduce the thermal resistance of the radiator
or that the radiator has not been designed using the
optimal set of geometric parameters. The next section
considers both of these possibilities. A parametric study
is conducted using the proposed hydrodynamic and
thermal engineering models to investigate the influence
of the foam porosity and pore diameter and the fin
height, thickness and spacing on the performance of a
carbon-foam finned tube heat exchanger operating
under the same conditions given in Table 2.
6. Parametric study and alternate design for carbon foam

core

The main focus of the present parametric study is to
use the proposed hydrodynamic and thermal engineer-
ing models to illustrate the influence of the carbon foam
and geometric parameters on the performance of a car-
bon-foam finned air–water radiator. Since there are five
separate parameters considered, the parametric study is
done using the orthogonal method [20]. Due to the
range of parameters considered, the air-side Reynolds
number is in the range 400–2600 and thus model predic-
tions are obtained from both the laminar and transi-
tional formulations.
1] (measured), and predictions from present engineering models

Test 2 (foam)

Error Measured Present model Error

– 80.1 80.1 –
0.87 % 67.7 68.7727 1.58 %
– 0.12 0.12 –

N/A 0.27
– 32.2 32.2 –
– 0.36 0.36 –
1.1349 N/A 5.69
0.9415 5.931 5.4185 0.9136

anufacturer SAPL.



Table 3
Orthogonal design table for five factors with four levels—OA16542 or
L16(4)

5-2

Treatments Factors

A B C D E

Pore dia.
(lm)

Porosity
(%)

Fin Tk.
(mm)

Fin Ht.
(mm)

FPM

1 250 79 0.953 6.350 464
2 250 69 0.727 7.269 354
3 250 60 0.832 8.321 532
4 250 90 0.635 9.525 406
5 375 79 0.727 8.321 406
6 375 69 0.953 9.525 532
7 375 60 0.635 6.350 354
8 375 90 0.832 7.269 464
9 328 79 0.832 9.525 354
10 328 69 0.635 8.321 464
11 328 60 0.953 7.269 406
12 328 90 0.727 6.350 532
13 286 79 0.635 7.269 532
14 286 69 0.832 6.350 406
15 286 60 0.727 9.525 464
16 286 90 0.953 8.321 354
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The L16(4)
5-2 or OA(16542) table [20] is chosen for

the parametric study presented here. Table 3 shows the
orthogonal design table for five factors (parameters)
with four levels. Each factor has the same range (1.5)
with the same level segment ratio of 1.51/3. The paramet-
ric study is carried out using the same core front dimen-
sions as the air–water radiator described in [1] at the
thermal conditions of Test 3 (foam).

Fig. 10 shows the influence of the five factors consid-
ered on the heat load of the air–water radiator in terms
of an influence rating and a plot showing the variation
of heat load over the range of the parameter considered.
The influence rating characterizes the importance of a
parameter with respect to other parameters in terms of
(a) Porosity (b) Fin density (c) Fin t
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Fig. 10. Influence ratings and plots illustrating the effects of (a) porosity, (b)
heat load.
the rate at which the outcome varies over the range of
the parameter considered. Based on the influence ratings
and the plots shown in Fig. 10a–c, the porosity is the
main controlling factor that influences heat load, fol-
lowed by the fin density and the fin thickness. The fin
height and the pore diameter do not have much influ-
ence on the heat load, as can be observed by the small
influence ratings and the flatness of the curves in
Fig. 10d and e. It is not surprising that the porosity of
porous fins has such a strong influence on the heat load.
The porosity affects the thermal resistance through its
influence on the internal and exposed surface area avail-
able for heat transfer, both of which decrease with
increasing porosity, and through its effect on the effec-
tive conductivity on the fin, which modifies the fin effi-
ciency. Fig. 10 suggests that for the fin configuration
considered, a lower porosity is best, however this makes
it more difficult for air to pass through the porous fins;
most of the air passes through the fin channels and is
exposed to the external surface of the fin. The positive
influence of the fin thickness on the thermal perfor-
mance is not surprising on the basis that thicker fins oc-
cupy more volume and, therefore, have more internal
surface area (up to 5000–50,000 m2/m3). When the fins
are thicker, a higher proportion of the airflow passes
through them and the area exposure is higher. In addi-
tion, for a given fin height, a higher fin thickness yields
a higher fin efficiency, which also has a positive influence
on thermal performance. Note that the lowest thermal
resistance would be obtained using a single fin for each
tube since in this case all of the airflow would be forced
through the foam where the surface area available for
heat transfer is extremely high. Increasing fin density
also has a positive effect on the thermal performance,
but in this case in the more conventional sense that more
fins gives more surface area. Improvements in the ther-
hickness (d) Fin height (e) Pore diameter
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mal performance of the radiator have an influence on
the hydrodynamic performance. Intuitively, the best
condition for thermal performance, i.e. forcing all of
the airflow through a single thick fin, will lead to the
worst possible condition for the hydrodynamic per-
formance.

Fig. 11 shows the importance of the five factors that
influence the air pressure loss, and the effect of each fac-
tor on the air pressure loss. In this case, the fin density is
the first controlling factor, followed by the fin thickness
and the pore diameter. The fin height and the porosity
have a much smaller influence on the air pressure loss.
In terms of airflow, using more fins or thicker fins yields
less open area for air to pass through, thereby producing
a higher pressure drop across the radiator. With this
higher pressure drop, a higher proportion of air passes
through the carbon-foam fins. The influences of porosity
and pore diameter on the air pressure drop are reversed
with respect to their influence on thermal performance.
In terms of pressure drop, increases in the pore diameter
increase the surface friction factor (see Eq. (4)), which
translates into higher pressure losses. Increases in poros-
ity have a small effect on the surface friction factor, but
have a large effect on the openness of the porous fins.
Because the proportion of air passing through the fins
is small compared to that passing through the fin chan-
nels, the influence of porosity on the overall air pressure
drop is lower than that of pore diameter. If the single-
solid fin case described above were considered, the
porosity would have a much higher influence than the
pore diameter, since the surface of the foam would no
longer be a factor.

The orthogonal design process serves to establish the
best combination of parameters for the configuration
considered, and for our case, the biggest impact that
can be expected if porous carbon foam were used as a
(a) FPM (b) Fin density (c) Pore 
∆ R∆p 14.29 11.65 4.1
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Fig. 11. Influence ratings and plots illustrating the effects of (a) fin density, (b
air pressure loss.
fin material. To characterize this impact, a carbon-foam
finned air–water radiator is developed to replace the
standard aluminum fin air–water radiator tested in [1]
for the conditions described in Test 1 (std). While the
frontal area, depth and air pressure drop of the original
aluminum core are maintained, the optimized pore
structure and fin parameters for the air–water radiator
are obtained from analysis of the outcomes of the
orthogonal design processes illustrated in Figs. 10 and
11. The carbon-foam finned radiator is developed in
manner similar to that described in [1] and as such, con-
sists of four parallel cores of width 530 mm, height
119 mm and depth 50.8 mm. First, a fin porosity of
70% is selected on the basis that Fig. 10 shows that
lower porosity leads to a higher heat load, and from
the practical consideration that 70% is the lowest poros-
ity that has been produced to date with current material
fabrication processes for carbon foam. Because of the
porous nature of the foam and the strength of the car-
bon matrix, the fin thickness must be greater than 2.5
times the pore diameter. From Fig. 11, it is shown that
when the pore diameter is approximately 300 lm, the air
pressure loss is at its lowest value. Thus a pore diameter
of 300 lm is selected yielding a fin thickness of
0.762 mm. The fin height does not affect either the heat
transfer or the air pressure loss as much as other factors,
however, the lowest air pressure losses occur between fin
heights of 8–10 mm (see Fig. 11). Therefore, a fin height
of 8.725 mm is selected, which requires five tubes at the
front face of each core. The fin density is set to 748 fins/
m to maintain the air pressure loss of 14.2 mm wg ob-
tained from the fan curve at the thermal conditions of
Test 1 (std). Table 4 gives a summary of the thermal
conditions of Test 1 (std), the thermal performance mea-
sured for the standard aluminum fin radiator, and the
performance predictions for the carbon-foam finned
diameter (d) Fin height (e) Porosity
2 3.56 2.18
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Table 4
Comparison of the thermal performance of the standard aluminum fin
radiator considered in [1] with the optimized carbon-foam finned heat
exchanger for the conditions of Test 1 (std)

Items Standard
aluminum fin

Carbon
foam fin

Improvement

Water in temp. (�C) 79.9 79.9 –
Water out temp. (�C) 63.1 60.6189 �2.4811 �C
Water flow (kg/s) 0.26 0.26 –
Water pressure loss (kPa) N/A 2.1
Air in temp. (�C) 39.5 39.5 –
Air flow (kg/s) 0.74 0.74 –
Air pressure loss (mmH2O) 14.2a 14.15 –
Heat load (kW) 16.555 19.0275 1.1494

a Obtained from the fan curve, as shown in Fig. 8, provided by the
fan manufacturer SAPL.
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air–water radiator. The optimized carbon-foam finned
radiator is shown to dissipate about 15% more heat than
the standard aluminum finned radiator under the same
air flow rate and pressure drop. Fig. 12 shows the distri-
bution of the dominant resistances for the alternate
carbon foam fin design. In comparison to Fig. 9, the
air-side resistance has dropped significantly in the over-
all balance, which suggests that a better balance has
been struck between the water and air-side thermal resis-
tances to achieve the improvements in overall thermal
performance.

It is clear from the present analysis that the use of
foam fins leads to some improvement in the overall per-
formance of an air–water radiator. Thus, if the addi-
tional effort to produce the radiator can be justified, or
if weight is a primary constraint, it is possible to benefit
from the use of porous carbon-foam fins. The present
analysis also makes it clear, however, that the improve-
ment from the carbon foam is mainly due to the in-
creased surface area made available and in the present
application only a small proportion of the total avail-
able surface area of the carbon foam is utilized; most
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Fig. 12. Distribution of major thermal resistances predicted using the
present thermal engineering model for the alternate design carbon-
foam finned radiator for thermal conditions corresponding to Test 1
(std).
of the air passes through the fin channels and not
through the foam fins. Because of the unique combina-
tion of high thermal conductivity and open, intercon-
nected structure, it is likely that entirely different
designs could be conceived that take better advantage
of the internal structure of the foam and rely less on
the passage of air across the foam.
7. Conclusions

Given the recent interest in the use of porous carbon
foam for the construction of finned-tubes, a study has
been undertaken to investigate the influence of the foam
structure and the fin height, thickness and density on the
hydrodynamic and thermal performance of air–water
heat exchanger. Engineering models were developed to
calculate the hydrodynamic and thermal resistances so
that a parametric study could be conducted. The influ-
ence of the carbon-foam structure in the engineering
models was based on a unit-cube geometry model that
describes the internal structure of the foam, the exposed
area, the permeability and the effective conductivity as a
function of the porosity and pore diameter. Compari-
sons with measured results obtained from a carbon-
foam, finned-tube, air–water radiator showed that the
engineering models estimate airside pressure drop and
thermal performance within 13.5% and 8.6%, respec-
tively. A parametric study done using the engineering
models showed the porosity and fin density have the
largest influence on the hydrodynamic and thermal per-
formance of the heat exchanger. An optimization done
using the engineering models showed that improvements
in thermal performance of up to 15% over conventional
aluminum radiators is possible using carbon-foam
finned tubes in the simple configuration considered.
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